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Abstract. The organic Rankine cycle (ORC) has been widely compared to the steam. Therefore, the ORC can be applied
applied to convert the renewable energy to the electric power. even though the temperature of heat source is low.

Some previous studies focused to find what kind of refrigerant

would be a best working fluid for the ORC. In this study, R245fa The refrigerant as the operating fluid of ORC does not
was chosen as the working fluid, and the cycle analysis was deplete the ozone layer. In addition, it has low global
conducted when the small scaled output power less than 30kwW warming potential, inflammable, highly efficient, and

was required. In addition, properties of the working fluid on the
cycle were predicted when the turbine output power was
controlled by the mass flowrate. The configuration of the turbine
was the radial-type turbine and the supersonic nozzles were

nontoxic properties. For these reasons, the natural
refrigerant of carbon dioxide can be adopted. However, it
has disadvantage in cost. So, refrigerants altered from the

applied as stator. So, the turbine was operated in partial chlorofluorocarbons (CFC) or hydrofluorocarbons (HFC)
admission. The turbine efficiency as well as the optimum refrigerant are usually adopted. Cong [1] used R123 and
velocity ratio was considered in the cycle analysis with the low isobutene for the ORC. The optimum turbine inlet
partial admission rate. The computed results show that the partial pressure and temperature in the cycle was studied when
adr_ni_ssion rate was more important factor on the system the solar energy was applied as heat source. Liu et al. [2]
efficiency than the temperature at the evaporator. conducted the cycle analysis of ORC with the operating

fluids of water, ethanol, benzene, or toluene etc. for
Key words recovering the waste thermal energy. Hung et al. [3]

studied the cycle analysis of ORC with seven different
Organic Rankine Cycle, Cycle Analysis, Energy Recovery, refrigerants. Additionally, Hung et al. [4] conducted the
Radial Turbine, Partial Admission cycle analysis of ORC with eleven different refrigerants

for obtaining useful power from the low temperature heat
1. Introduction source such as the solar energy or ocean temperature

difference energy. Gang et al. [5] applied the regenerative
cycle to the ORC. The efficiency of the ORC was

Lots of researches about renewable energy have been -
improved to 8.6% from 4.9%.

conducting as being depleted the resource. Most of
researches focus obtaining useful energy efficiently from
wind power, solar energy, wave power, or geothermal
energy etc.,. The solar energy is usually converted to the
electric power through the solar cell or to the thermal
energy through the solar collector. The wind power, the
geothermal energy and the wave power are transformed to
the electric power using turbine. Wasted thermal energy as -
well as heat source from the solar or geothermal energy system efficiency. Kang [8] conducted the ORC
can be converted to the electric power by the steam experiment using the radial-type turbine of 30kW class

turbine or the organic Rankine cycle (ORC). The ORC has with R245fa refrigerant. Declaye et al. [9] adopted the
merits because its operating fluid (refrigerant) has low scroll expander for ORC with R245fa and HEF7000

evaporation temperature and high condensing temperature refrigerants.

Millimeter scaled turbine for ORC was tested by
Yamamoto et al. [6]. Its diameter was 30mm and the
output power of 150W was obtained at 20,0000RPM. The
maximum efficiency of the ORC was 1.25%. Welch et al.
[7] adopted Euler turbine operating at two-phase. The
operating fluid of low surface tension showed better
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In this study, the cycle analysis of ORC was conducted
while the amount of heat source was varied. Therefore, off
design point operation as well as design point operation
was studied. For varying the amount of heat source, the
turbine power was controlled by the mass flowrate. For
this, the turbine was operated at partial admission.
Therefore, the efficiency of turbine and the optimum
velocity ratio were considered for the partial admitted
turbine and the various system efficiencies of ORC were
obtained.

2. Cycle Analysis

Fig. 1 shows the schematic diagram of the ORC system.
The heat source is available from the wasted heat, the
solar energy, or the geothermal energy etc. even though its
temperature is near 100°C. In this study, R245fa
refrigerant was adopted as the operating fluid. The
evaporated refrigerant operates the turbine, and then
changes to low-pressure/low-temperature state at the exit
of turbine. This refrigerant is liquefied at the condenser,
and then it is pressurized by the pump. Through this
process, the ORC system obtains the power on the
generator connected to the turbine.
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Fig. 1 Schematic diagram of an organic Rankine system

b

Each location in the cycle of ORC is marked as the
number in the Fig. 2. The evaporated refrigerant is
superheated by 3°C to avoid liquefying within the turbine.
So, the total temperature (T,) at the turbine inlet can be

decided as Eq. (1). The evaporation temperature (T, _) is
the saturated temperature which is depended on the
turbine inlet pressure (B, ).
T,=T,.+3C
Toa = F(R)
The total enthalpy (h,) at turbine inlet can be obtained

from the total pressure and total temperature, and the
static enthalpy (h) is calculated with the velocity (C,) at

the duct. In this calculation, the cycle analysis was
conducted using the libraries of NIST Refprop [10].

1)

In this study, the turbine power (I1) was decided to 30kW
based on the available heat source. However, the turbine
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could be operated at the condition of output power less
than 30kW when the amount of available heat source is
reduced. So, the configuration of the turbine was designed
based on the 30kW output power. For the less power, the
turbine is operated at off-design point. Even though the
turbine is millimeter scale class, the turbine is operated in
partial admission due to low mass flowrate. Therefore, the
turbine should be designed to impulse-type turbine which
works well in partial admission. In the impulse-type
turbine, the expansion of the refrigerant occurs at the
stator, and then this expanded power is absorbed at the
rotor. Hence, the stator was designed to the expansion
nozzle.

~_

1: nozzle inlet
(super-heated)
2: nozzle exit
(rotor inlet)
3: rotor exit
4: saturated (vapor) g
5: sub-cooled
6: after pumping *
7: saturated (liquid)
@7

@ |
Fig. 2 Locations for organic Rankine cycle analysis

The total pressure (P,) and total enthalpy (h,) at the

nozzle exit can be the same values at the turbine inlet
when the pressure loss within the nozzle is supposed to be
infinitesimal. If the velocity at the nozzle exit is bigger,
the rotor size can be smaller. Hence, the velocity (c,) at

the nozzle exit was decided to Mach number of 1.4. In
order to get this velocity, the static pressure (P,) at the
nozzle exit was iteratively calculated until the total
pressure (p,) and total enthalpy (h,) at the nozzle exit

were satisfied. The efficiency of the nozzle was supposed
to 95%.

hz = f(PZ’Sz)

CZ (2)
h, =h, + 2 :

TN

where s in Eq. (2) is the entropy. The nozzle shape was
adopted as circular-type. The exit diameter (d,) of the
nozzle can be decided in the basis of the rotor
configuration. The mass flowrate (m, ) on the one nozzle
is obtained as Eq. (3).

7d? @A)

4
where p in Eq. (3) is the density. The rotational speed of

the rotor can be decided based on the maximum efficiency
operating condition from the relationship of the spouting
velocity ( C, ) at the nozzle and the circumferential

m, = p,C,

velocity (U ).
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Figure 3 shows the velocity ratio which revealed the
maximum efficiency operating conditions [11-14] when
the turbine operated in partial admission. It shows the
characteristics such that the optimum velocity ratio is
reduced when the partial admission rate is decreased. In
this study, the circumferential velocity of the turbine was
chosen based on the optimum velocity ratio. The output
power of the turbine is evaluated based on the
circumferential velocity, the absolute velocity (c,,) along

the circumferential direction and the turbine efficiency
(7,.,)- The turbine efficiency was applied the efficiency
which was obtained at the optimum velocity ratio, as
shown in Fig. 4.
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The total pressure (P,;) at the turbine exit is obtained as
Eq. (5) using the isentropic process on the turbine

ht3s = htl - Aht
Ptss = f(ht3slsts3) (5)
P,=P

13— "t3s

The total enthalpy (h,;) at the turbine exit is obtained as

Eqg. (6) by applying the turbine efficiency, and the entropy
is also calculated in the total pressure state.

Ah
ht3 = hll R
Tt ©)
Stz = f(ht3' PtS)
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The velocity (c,) at the turbine exit is decided by the

shape of rotor, and this velocity determines the static
enthalpy (h,) at turbine exit. The refrigerant which comes

out from the turbine flows into the condenser. If the
pressure loss on the circulation pipe is ignored and the
velocity is converted to the pressure, the properties of the
refrigerant at the saturated vapor state are determined by
the pressure. After passing the condenser, this refrigerant
is sub-cooled by 2°C from the saturated liquid state.

R=FR =P

T,=T, -2°C

h,ss = £(T5, R)
In order to operate the turbine, the refrigerant should be
pressurized before entering the evaporator. The pressure
after pumping should be equal to the pressure at the
turbine inlet. The consuming power (npump) on the pump

()

is evaluated with the pump efficiency (Upump) which was
supposed to 85%.
hth = f(Pes’Se)
oo Zhe-h

pump

®)

77pump
The system efficiency can be determined from the input
power including the pump power and the output power of
the turbine

pump

htl_hﬁ

IT-11

Ny = ©

3. Turbine Configuration

The turbine configuration for small scaled power is
generally adopted the radial-type turbine. This radial-type
turbine is usually not used in the supersonic flow because
its flow area is reduced along the downstream. However,
the radial-type turbine can be applied even the supersonic
flow if it is operated in partial admission, since the flow
area within the turbine is larger than the spouting area.
The axial-type turbine is also able to apply for the small
scaled power, but in this study, the radial type turbine was
adopted because this type turbine could control more
easily the mass flowrate.

When the turbine is operated in partial admission, the
operating gas cannot fill the whole passage within the
turbine. So, the impulse-type turbine is applied. The
turbine output power is expressed using the velocities on
the rotor fore and aft.

Ah =C,U,-C,U

r:llt- 022 03~3 (10)

:5[(022 =C5)+ (U7 =Ug) + W, -W,)]
The reaction of the impulse-type turbine can be expressed
as Eq. (112).

R = h-h

htz_htS
1. 2 1 2 2
:E(Uz _Us)_a(vvz _Wa)
htZ_hI3

(1)
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In the axial-type turbine, the relative velocities at the inlet
and exit are the same for the zero-reaction turbine.
However, the radial-type turbine has smaller radius at the
exit than that at the inlet. This causes the very small
relative velocity at the exit. To avoid this problem, the
radial-type turbine can be designed with some reaction.
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4. Cycle of 30kW Class

When many spouting nozzles are applied as stator, the
turbine output power is changed like step function
depending on the applied nozzle numbers at the same
operating condition. For 30kW class output power, the
difference on the cycle was estimated for the various
saturated vapor temperatures at the evaporator. This
saturated vapor temperature was varied by 10°C from
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80°C to 120°C. The outer and inner diameters of the rotor
were 100mm and 60mm, respectively. The diameter at the
nozzle exit was 8mm, and the spouting angle was 65°
based on the meridional direction.

Fig. 5 shows the P-h curve and T-s curve for the various
saturated vapor temperatures. The increased temperature
caused the pressure rising. For the same turbine output
power, the pressure and temperature at the turbine exit
were simultaneously increased for the increased inlet
temperature. When the statured vapor temperature at the
condenser inlet was decreased, it needed more work for
condensing.

The differences on the cycle for the different saturated
vapor temperature are shown in Fig. 6. When the saturated
vapor temperature approached the critical temperature, the
input power for evaporating was reduced. Therefore, the
specific input power was decreased for the increased
temperature, as shown in Fig. 6(a). The rising temperature
increased the saturated pressure. Therefore, this increased
pressure resulted in the increase of the mass flowrate on
one nozzle, as shown in Fig. 6(b). Hence, the number of
nozzle was reduced for the increased temperature. Only
seven nozzles were applied for the 120°C, Additional
nozzle was needed according to each decrement of 10°C.
So, eleven nozzles were used for the 80°C.

When the more nozzles were used, the partial admission
rate was increased. This improved the turbine efficiency
as shown in Fig. 6(c). When the temperature at the
evaporator was increased, the input power was reduced.
However, this caused the decrement of partial admission
due to the reduced nozzle number, and affected the turbine
efficiency. The system efficiency was reduced because the
turbine efficiency had more effect although the specific
input power was reduced, as shown in Fig. 6(d). This was
the special characteristics on the partial admitted turbine
compared to the full admitted turbine.

For the increased pressure at the turbine inlet, the spouting
velocity was increased and the partial admission rate was
decreased. Therefore, the optimum velocity ratio was
reduced. This caused the reduction of the optimal
rotational speed of the rotor, as shown in Fig. 6(e). Fig. 6(f)
shows the output power on the turbine which is not the
same because the applied nozzle numbers were different.
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In the section 4, it showed that the low temperature at the
turbine inlet had advantage on the system efficiency.
However, the low temperature required more work on the
condenser. This could be caused the trouble when the
system was operated in hot summer. So, the turbine
configuration was designed based on the saturated vapor
temperature of 100°C. The relative flow angles at inlet and
at outlet were 35.3° and -54.4° based on the meridional
direction, respectively. The cycle analysis was conducted
based on this turbine for the less 30kW output power. Fig.
7 shows the P-h curve and the T-s curve for the different
output power. The temperatures at the turbine inlet were
the same because turbine operated at the same saturated
vapor temperature, but the pressure and the temperature at
the turbine exit were varied. For the increased turbine
power, the pressure and the temperature at the turbine exit
were reduced. For the lower turbine power, the work on
the condenser was reduced and the temperature gap
between on the condenser and the on the atmosphere was
increased.
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Fig. 8 shows the variation of properties on the cycle for
the different output power. For the reduced output power,
the mass flowrate was reduced, as shown in Fig. 8(a). In
order to reduce the mass flowrate, the number of nozzles
should be reduced, as shown in Fig. 8(b). For the reduced
turbine power, the temperature at the turbine exit was
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increased. So, the specific input power was reduced, as
shown in Fig. 8(c). In addition, the reduced turbine power
caused the reduction of the partial admission rate. So, the
optimum velocity ratio was decreased. Although the
increased pressure at the turbine exit reduced the spouting
velocity, the reduction rate of the optimum velocity ratio
was larger. Therefore, the optimum velocity ratio was
decreased, as shown in Fig. 8(d). Fig. 8(e) shows the
reduction of the partial admission and the turbine
efficiency for the decreasing turbine output power due to
the reduction of nozzle number. Although the input power
on the evaporator was reduced for the reduced turbine
power, the system efficiency was decreased because the
turbine efficiency was decreased, as shown in Fig. 8(f).

6. Cycle of 5kW Class

In section 5, it showed that the temperature at the turbine
exit was increased for the lower turbine output power
when the temperature at the turbine inlet was the same.
The lower temperature at the turbine inlet could increase
the system efficiency if the temperature at the turbine exit
maintained certain level for condensing. Therefore, for
obtaining the 5kW output power using the same turbine
and nozzle designed for 30kW output power, the
temperature at the turbine inlet was varied to find the
difference on the cycle. The number of applied nozzle was
three. The same turbine efficiency of 39% was applied
because its partial admission rate was 16.2%.
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Fig. 9 variation of properties when the saturated vapor
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same nozzle number

For the same number of nozzles, the pressure was
increased if the temperature at the evaporator was
increased. This increased pressure caused to increase the
mass flowrate on the nozzle. Fig. 9(a) shows the increased
mass flowrate according to the increased temperature.
This increased mass flowrate affected directly the turbine
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output power. As shown in Fig. 9(b), the turbine output
power was increased for the increased temperature.

When the temperature at the evaporator was increased, the
specific input power at the evaporator was reduced, as
shown in Fig, 9(c). However, in the system, the mass
flowrate was increased, so the input power at the
evaporator was increased. This increased mass flowrate
caused the increased turbine output power. Since the
increasing rate of turbine power was larger than that of
input power at the evaporator, the efficiency of the system
was increased, as shown in Fig. 9(d).

It was already shown in section 4 that the system
efficiency could improve by reducing the temperature at
the turbine exit if this temperature kept up a certain level.
In order to obtain the same output power, more nozzles
could be applied because the mass flowrate was reduced
for the lower temperature at turbine exit. For the three
nozzles, the temperature at the turbine exit was maintained
to 54.4°C when the temperature at the evaporator was
80°C. At this condition, one more nozzle was applied.
Then, the system efficiency was increased to 3.3% from
2.56%. The turbine output power increased by 77%, as
shown in Table 1. This system efficiency of 3.3 % was
better than that obtained when the temperature at the
evaporator was increased to 120°C. For applying four
nozzles, the temperature at the turbine exit was slightly
decreased due to the increased turbine power.

Table 1 Operating conditions with 4 nozzles

Contents Specification |Remarks
Mass flowrate 0.575kg/sec |4 nozzles
Partial admission rate 16.4%

Output power 3.83 kW

Rotational speed 13,300 RPM

Turbine efficiency 439 %

System efficiency 3.3%

7. Conclusion

The cycle analysis of ORC was conducted with R245fa
for obtaining small scaled output power from the low
temperature heat source. For the various output power,
off-design point analysis was studied. When the turbine
output power was small scale class, the turbine could not
work at full admission. The turbine output was much
dependent on the turbine efficiency which was directly
related with the partial admission rate. Therefore, if the
temperature at the turbine exit was not too low to make a
trouble for condensing, it was better reducing the
temperature at the evaporator and increasing the partial
admission rate to improve the system efficiency.
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